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Abstract

Solar thermal power plants coupled to supercritical CO; cycles seems to be a way to increase
the global solar-to-electric efficiency. For that, the concentrating solar technology that is best
integrated is the molten salt central receiver with a thermal energy storage associated. This work
is focused on one of the main challenges of this scheme: the source heat exchanger transferring
the thermal energy from the molten salt in the solar field to the CO; in the power cycle. A new
design, based on the printed circuit heat exchanger technology is proposed, that withstands the
pressure difference and avoids the molten salt plugging when circulating through
microchannels. The thermo-mechanic model of this heat exchanger is also calculated.

This work also addresses a thermo-economic optimization of the printed circuit heat exchanger
proposed. For that, it is considered the global performance of the solar thermal plant for three
layouts: recompression, intercooling and partial-cooling cycles. This optimization yields to a
great reduction in the investment cost of these source heat exchangers, achieving the lowest cost
in the partial-cooling configuration, followed by the intercooling and finally, the recompression.
This trend is also observed in the global performance of the solar plant, so the partial-cooling
layout is the one with the lowest levelized cost of electricity; this value is similar to that of the
intercooling layout, and both are well below from the cost in the recompression layout, which
results the most expensive configuration.

Keywords

Solar thermal power plants; supercritical power cycles; printed circuit heat exchanger design;
molten salt clogging issue mitigation; thermo-economic optimization; savings-to-investment
ratio method

Acronyms

AC Auxiliary Compressor

ASME American Society of Mechanical Engineers
CR Central Receiver

CHX Compact Heat Exchanger

FPHE Formed Plate Heat Exchanger

HTF Heat Transfer Fluid
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HTR High Temperature Recuperator
HX Heat Exchanger

HXE Heat Exchanger Element

H2X Hybrid Heat Exchanger

LCOE Levelized Cost of Electricity
LTR Low Temperature Recuperator
MC Main Compressor

MS Molten Salt

PC Pre-Cooler

PCHE Printed Circuit Heat Exchanger
STPP Solar Thermal Power Plant
SHX Source Heat Exchanger

T Turbine

TES Thermal Energy Storage

™ Turbomachines

IC Intercooler

HTP High Temperature Pump

LTP Low Temperature Pump

SIR Savings-to-Investment Ratio
CRF Capital-Recovery Factor

CELF Constant-Escalation Levelization Factor
NOTATION

Latin letters

A Area

c Specific heat

C Cost

CM  Cost factor of material

Ce Electricity cost

Dn Hydraulic diameter

d Diameter

dp Pressure Drop

f Darcy/Fanning pressure friction loss factor
h Enthalpy
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Convection heat transfer coefficient

Effective discount rate

k Thermal conductivity

L. Characteristic length

L Length

M Mass

m Mass flow rate

N Number of channels/elements

n Number of years

Nu Nusselt number

p Pressure

Pr Prandtl number

0 Thermal power

Tn Nominal escalation rate

Re Reynolds number

T Temperature

TA Temperature Approach

U Overall heat transfer coefficient
u Velocity

v Volume

Y Yearly operation time

Zw Angle between the z-axis and the normal vector to the surface
Greek Letters

n Cycle/receiver efficiency

p Density

U Dynamic viscosity

c Ratio of free flow area to frontal area
Subscripts

0 Base case

amb  Ambient

ave Average

conv  Convection
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1. Introduction

The future competitiveness of concentrating solar thermal energy, compared to other renewable
energies, is conditioned by a decrease in the cost of the final energy produced. For this purpose,
two research approaches have emerged within the concentrating solar energy. The first attempts
to minimize investment costs at the expense of a decrease in overall efficiency; this approach
has found an important market niche in the supply of process heat to the industry at medium
temperature. The second approach has focused on increasing thermal performance, working
with higher concentration ratio and temperature, even if this means significantly increasing
investment costs. For this purpose, one of the most promising schemes consists of the
integration between supercritical CO, (sCO.) Brayton cycles and central receiver (CR) systems
working with a heat transfer fluid (HTF) at high temperature (Mehos et al., 2017): molten salt,
liquid metal, falling particles or a gas-phase fluid. This work has focused on the molten salt
(MS), with a thermal energy storage (TES) associated, because this scheme has a high capacity
factor and presents the advantages of reliability and dispatchability in the electricity production.
One of the main technological challenges of this solar thermal power plant (STPP) is the heat
exchanger to transfer the thermal energy from the MS in the solar field to the sCO> in the power
cycle: the source heat exchanger (SHX). This work deals in more depth with this last point,
proposing a design of molten salt-to-sCO- heat exchanger (HX) that seeks to address some of
the technological issues arising for this type of HXs, such as: the mechanical stress produced by
the pressure difference; the corrosion associated to working with salts at high temperature; and
the possibly plugging of the salt when circulating through microchannels, as it will be explained
later.

1.1. Supercritical CO; Brayton cycles

According to Wang et al. (2017), sCO; cycles have a very high efficiency, above 50%, even
with dry cooling; compared to conventional water-steam Rankine cycles, these supercritical
cycles exhibit several technological advantages, i.e.: sCO> is less corrosive than steam, so its
handling at high temperature is easier; the operation beyond the critical point (7.38 MPa, 31
°C), but not far, yields to a smaller size of the turbomachinery, as well as a decrease in the
compression power.

These cycles support both direct and indirect integration; because sCO; receivers are not yet
developed, in the short term it is more likely the indirect integration, using the state-of-art
technology of molten salt receiver and thermal storage (Mehos et al., 2017). So, the possible
supercritical cycles that can be indirectly coupled to a CR are analysed according to different
parameters, highlighting: the cycle efficiency; the complexity of the cycle, in terms of additional
components compared to the most common one, the recompression cycle; and the temperature
difference of the sCO; in the source heat exchanger (SHX), which determines the temperature
difference in the molten salts and therefore the investment in the coupled solar subsystem
(Crespi et al., 2017; Wang et al., 2017).

For a hot salt temperature between 600 °C and 800 °C, the cycle with higher efficiency is the
intercooling cycle, followed by the recompression layout. The recompression cycle is the less
complex, with only an extra compressor added, while the intercooling and the partial-cooling
cycles are the most complex, as they need of two extra compressors and an extra inter-cooler.
Regarding the SHX temperature difference, the partial-cooling cycle presents the largest
temperature difference (Crespi et al., 2017; Wang et al., 2017). In summary, there is not any
cycle with a clear advantage over the others; the choice of one or the other should be based on
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an annual analysis of the global plant, and it will depend on the specific operating and ambient
conditions.

A later work of NREL (Neises and Turchi, 2019) analyses the global performance of two STPPs
based on the recompression and partial-cooling sCO; cycles. They find the important conclusion
that, although the recompression cycle has a higher efficiency and is less complex than the
partial-cooling cycle, the STPP with partial-cooling presents lower investment cost and
generates more net electricity; this is due to the larger temperature difference in the main heat
input for the partial-cooling layout, that yields to smaller storage tanks, higher receiver
efficiencies and lower pump consumption, as the molten salt flow rate is also lower.

Following that research line, this work analyses the design and the thermal economic
optimization of a MS-to-CO, SHX, integrated in three different STPPs, coupled to three
different supercritical layouts: recompression, intercooling and partial-cooling cycles.
Compared to the previous study of NREL, the intercooling cycle has been also introduced as a
possible candidate to minimize the cost of the electricity production. The partial-cooling and
intercooling cycles differ from the simple recompressed cycle in that the main compressor is
divided into two main compressors with an intercoling between them. The difference between
the intercooling and the partial-cooling layouts are the different inlet conditions to the auxiliar
compressor. This different configuration yields to larger temperature increment of the sCO; in
the SHX of the partial-cooling cycle, which is advisable for the STPP since it reduces the
required molten salt volume. On the other hand, the intercooling layout achieves a decrease in
the compression work that yields to a higher thermal efficiency than the recompression and
partial-cooling cycles.

1.2. Power towers working with molten salts at high temperature

The state-of-art molten salt used in CR systems with TES is the nitrate solar salt. The main
drawback of this salt is its thermal decomposition temperature, in the range of 600 °C, which is
far from the target temperatures required by efficient supercritical cycles, greater than or equal
to 700 °C. So, other alternative salts, with thermal stability about 750 °C, are proposed and
studied (Turchi et al., 2018). These candidate salts consist of binary and ternary chloride and
carbonate salt blends. Although it is difficult to decide that one molten salt is better than
another, and more effort is required to perform high temperature corrosion studies for a
prolonged exposure of time, the ternary chloride salt MgCl,/NaCI/KCl has been selected for this
study. This salt exhibits the following advantages: a low melting point and a high thermal
decomposition temperature, yielding to a large working temperature range; a volumetric heat
capacity above those of other chloride salts; and the cheapest estimated cost. Table 1
summarizes the main thermal properties of the ternary chloride molten salt selected (Linares et
al., 2020).

Thermal property Correlation
Specific heat (J/kg/°C) ¢, = 1180
Density (kg/m?) p =1899.3 —0.43-T(°C)
Thermal conductivity (W/m/°C) k =0.5423 — 0.0002 - T(°C)
Dynamic viscosity (Pa-s — .10-6 . 11874.71735
Y y(Fas) 1=825-10"°"exp ( /135084595 + 7))

Table 1. Thermal properties of the ternary chloride salt MgCl:/NaClI/KCI (Source: Linares et al., 2020)
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The central receiver is a tubular cavity-type, as the working temperatures are higher than those
in conventional STPPs based on external MS receivers (Mehos et al., 2017). The cavity
configuration is recommended for high temperatures (Turchi et al., 2018), because the radiation
heat loss is lower compared to external receivers working at the same temperatures.

1.3. The heat exchanger between the solar field and the supercritical power cycle

This last section of the introduction is dedicated to the MS-to-sCO, heat exchanger that transfers
the thermal energy between the solar field and the supercritical power block. As a simple
proposal, the shell-and-tube heat exchanger could be proper for this layout, with the sCO,
circulating inside the tubes and the MS through the shell. However, due to the high pressures of
the sCO,, the increase in the tubes thickness can lead to a limited performance of these HXs.

An advanced heat exchanger design is key for both the economic and performance viability of
STPPs coupled to supercritical power cycles. The most promising proposals include compact
heat exchangers (CHX) and, particularly, printed circuit heat exchangers (PCHE). PCHE
consists of chemically etched plate sheets joined by diffusion, alternating
hot-cold rows of semi-circular channels, as seen in fig.1. The major manufacturer of PCHEs is
Heatric, Inc. (2020). In general, the flow channels of the PCHE may be divided into four types
(Fu et al., 2019): straight, zig-zag, S-shaped and airfol; although the last three increase the
PCHE thermal-hydraulic performance, friction loss and MS plugging risk are also increased, so
this study has been limited to straight channels.
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Fig. 1. Conventional Printed Circuit Heat Exchanger

Within the PCHEs, three types can be distinguished (Southall et al., 2008): conventional PCHE;
Formed Plate Heat Exchangers (FPHESs), in which layers consist of fins, bounded by side bars
and separated by flat parting sheets; and Hybrid Heat Exchangers (H?Xs), which are a
combination of both, PCHE and FPHE. Due to the small diameter of the channels in these HXSs,
they can withstand high pressures but, as the channel diameter is increased, the design pressure
decreases. Then, FPHEs and H?Xs are suitable for working at lower pressures than PCHEs. As
the higher working pressures in the three supercritical cycles selected range from 210 bar to
250 bar, whereas the working temperature is near to 700 °C, the proper HX is the PCHE, so the
characteristics of this type are deeply studied below.

PCHESs have been widely studied by the nuclear research, being recommended for sCO, power
cycles (Dostal, 2004). The microchannels are well suited to the supercritical fluid, since they
withstand high pressures and enhance heat transfer because of the convection coefficient and the
hydraulic diameter are inversely related. So, these heat exchangers meet the main requirements
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of high-pressure heat transfer, and there are many designs proposed for sCO»-to-sCO,, as the
recuperators in closed supercritical cycles (Shiferaw and Carrero, 2016).

However, when the heat exchange is MS-to-sCO,, new concerns arise from the possible
clogging of the viscous liquid phase, with relatively low Reynolds numbers, in the
microchannels designed to optimize heat transfer of the supercritical phase. This problem has
been reported in several studies of both nuclear (INPRO, 2013) and solar power plants (Iverson
et al., 2013), since in both cases it has been considered the coupling of the thermal source to
sCO; power cycles, as well as the use of molten salts or liquid metals as the heat transfer and the
thermal storage fluid. As said in (Iverson et al., 2013), this problem is mitigated by the working
conditions of this primary heat exchanger in recuperated supercritical Brayton cycles, in which
the temperature of the external source ranges from 500 °C to 700 °C, approximately.

The proposal of a MS-to-sCO, heat exchanger, operating in the required conditions and
overcoming the issue described above, is a mandatory challenge for the development of the
supercritical STPP technology. Despite this, very few designs, proposed in the literature,
address this problem. The most recent studies have focused on trying to improve the heat
transfer by means of the use of airfoil fins in the microchannels (Fu et al., 2019a). However, it
seems that the heat transfer enhancement is limited and instead, the maximum allowable
pressure is reduced to 200 bar, which does not make them suitable for these applications. On the
other hand, a study (Sun et al., 2018) has been found that addresses the problem of the molten
salt plugging in microchannels, proposing a PCHE design between a molten salt cooled nuclear
reactor and a supercritical Brayton cycle. The basic principle of this design is to face two etched
plates intended for molten salt, so that a circular channel is formed for salt, maintaining the
semi-circular channel for sCO,, as shown in the Fig.2. Besides that, straight channels are
selected. It is obvious that this design does not optimize the heat transfer, but this is not a
priority as the thermal conductivity of the molten salt is relatively large. Instead, the plugging
and the corrosion problems are mitigated, as the cross-section area is greater and the contact
area is reduced.

This new design is studied in this paper, for the coupling between the CR and the sCO; cycles,
adapting the PCHE to the working conditions of each of the three proposed layouts:
recompression, intercooling and partial-cooling. The section 2 of this paper describes the
development of the thermal and mechanical model of the PCHE. The section 3 is focused on the
solar field and the Brayton cycles models, as it is necessary to simulate the heat exchanger in a
suitable framework. The fourth and last section shows the thermo-economic optimization of the
PCHE. Regarding other optimizations that estimate the operation cost by means of the pumping
power through the PCHE (Yoon et al., 2014; Sun et al., 2018), the analysis accomplished in this
paper is based on a more global definition of the operation cost, accounting for the global STPP
performance.

2. Thermo-mechanic model of the new design of PCHE

As said in the introduction, the first part of this work is focused on the mechanical and thermal
design of the PCHE proposed, Fig. 2.
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There are several geometrical parameters that must be defined prior of the thermo-fluid dynamic
simulation. The channel diameter, the channel pitch and the thickness between channels has
been set according to Heatric, Inc. (2020) recommendations and they are shown in Table 2.

Channel diameter (d, mm) (recommended [6]) 2

Channel pitch (p=1.1-d, mm) 2.2
Thickness between channels (t=p-d, mm) 0.2
Plate thickness (tp, calculated, mm) 2.1

Table 2. Basic geometric parameters of the PCHE (Source: Heatric, Inc. 2020, and own calculations)

Although there is also a recommended value for the thin wall thickness, a mechanical
calculation has been made for this value, as it is identified as a critical thickness to withstand the
design pressure at the design temperature. The design method was provided by Heatric for
diffusion-bonded microchannel heat exchangers (Le Pierres et al., 2011) and is a simplified
model originating from the design requirements for non-circular vessels with rectangular cross-
section supported by stayed plates in ASME codes (2010). Following the recommendations of
this method, the plate thickness is calculated to be 2.1 mm, as shown in Table 2. The
withstanding to the working conditions is addressed in thermo-mechanical stress studies, for
general PCHEs, accomplished by (Heatric, Inc. 2020), concluding that this type of HXs can
work at 250 bar and 700 °C.

Regarding the material of the PCHE, a first study (Dewson and Li, 2005) pointed out that the
alloy selected must withstand high temperatures and pressures; it must also be available in sheet
and plate form, which are the most compatible forms with the manufacture of this HX. In a later
study about advanced HXs for molten salts (Sabharwall et al., 2014), it is highlighted that the
material used must show a good corrosion resistance in MS at temperatures up to 700 °C. In this
study, two nickel-molybdenum-chromium alloys are selected: Hastelloy N and Haynes 242.
Table 3 shows the composition and the main characteristics of both alloys.

. L. . Salt corrosion | Air corrosion Irradiation Metallurgical
Material Composition (% weight) R . . e
resistance resistance resistance stability
Hastelloy N | 71% Ni-7% Cr - 16% Mo Excellent Good Good Good
Haynes 242 65%Ni - 8% Cr - 25% Mo Very good Good Adequate Good

Table 3. Candidate materials for the PCHE proposed

The material finally selected is Haynes 242, because: its resistance to corrosion of ternary
chloride molten salts is greater due to the higher percentage of molybdenum (Sun et al., 2018);

9
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and, overall, the maximum allowable stress at the design temperature is higher than that of
Hastelloy N. These two characteristics, together with the non-irradiated working conditions of
this HXs, make the Haynes 242 the best material for the new design of PCHE.

2.1. Thermo-fluid dynamic model of the PCHE

The thermal power, as well as the inlet temperatures of both chloride MS and sCO; are inputs to
the thermal model of the PCHE, as they are fixed by the cycle or the solar receiver. Besides that,
all the geometrical parameters of the thermal unit represented in fig.2 are also inputs to the
model. There are two other inputs that must be defined for the designer: the temperature
approach (TAwms-sco2) between both streams and the pressure drop of the supercritical phase
(dPsco2). Both variables affect the size of the heat exchanger, and therefore, its cost. As it will be
explained in section 4, these two inputs will be taken as the basis for the parametric design
optimization study. Once the TAwms-sco2 is set, the two outlet temperatures are also fixed, as the
PCHE is considered to be a balanced counter-flow heat exchanger; on the other hand, once the
pressure drop of the supercritical phase is set, the velocity of both streams, as well as the cross
flow area (the same for both streams) is fixed, by means of an iterative process based on an
initial value of sCO; velocity. Finally, the MS pressure drop is also fixed to a value much lower
than the sCO, pressure drop.

The basic equations describing the model are summarized in the Appendix. It is important to
point out that those equations have been already used in other thermal models of PCHE (Dostal,
2004; Ariu, 2014; Yoon, 2014). Nevertheless, a numerical validation of the model will be
accomplished in next section. To conclude this section, table 4 shows the sizing, geometrical
and thermal parameters for two PCHE configurations of each of the three supercritical layouts
considered (recompression, intercooling and partial-cooling). These two configurations are the
base configuration and the optimized configuration, calculated by the thermo-economic method
explained in section 4. The TAwms.sco2 between both streams and the dPsco» are fixed to 10 °C
and 0.5 bar, respectively, for the base case of the three layouts. In the optimized case, these
parameters have different values, calculated by the optimization process. These values are also
shown in table 9, as a result of the optimization method.

10
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PCHE Recompression Intercooling Partial-cooling
Base case | Optimized | Base case | Optimized | Base case | Optimized
Sizing and geometrical characteristics
Frontal area (m?) 11.375 6.568 8.634 3.784 8.377 3.504
Lenght (m) 4.816 2.028 6.123 3.198 6.824 3.195
Height (m) 18.958 10.946 14.390 6.306 13.961 5.840
Width (m) 0.6 0.6 0.6 0.6 0.6 0.6
Volume (m3) 54.777 13.320 52.868 12.102 57.161 11.197
Number of modules 128 38 120 33 120 30
Heat transfer area (m?) 19078.41 | 4639.200 | 18413.339| 4214.950 | 19908.560 | 3899.662
Number of channels (MS) 630540 364063 478588 209749 464340 194227
Number of channels (sCO2) 1261080 728126 957176 419498 928680 388454
Material Haynes-242
Thermal characteristics
Thermal power (MWth) 100.992 100.992 97.402 97.402 103.419 103.419
Uaverage (W/m?/2C) 542.577 626.172 545.683 665.568 540.134| 668.616
Primary (Chloride molten salt)
Maximum velocity (m/s) 0.190 0.334 0.191 0.442 0.183 0.446
Inlet temperature (2C) 700 700 700 700 700 700
Inlet pressure (bar) 6 6 6 6 6 6
Mass flow rate (kg/s) 600.185 610.895 457.815| 465.824| 426.488| 434.738
Outlet temperature (2C) 557.4 559.9 519.7 522.8 494.5 498.4
Outlet pressure (bar) 5.940 5.956 5.919 5.902 5.909 5.897
Pressure drop (bar) 0.060 0.044 0.081 0.098 0.091 0.103
heonv (W/m?/2C) 908.851 908.305 917.076 916.400 | 922.574| 921.723
Secondary (sCO2)
Maximum velocity (m/s) 2.709 4.663 2.190 4.959 2.106 4.977
Inlet temperature (2C) 690 665 690 665 690 660
Inlet pressure (bar) 200 200 250 250 250 250
Mass flow rate (kg/s) 565.054| 577.080| 428.124| 436.635 399.329| 408.132
Outlet temperature (2C) 547.399 524.899 509.699| 487.799| 484.499| 458.398
Outlet pressure (bar) 200.495 200.493 250.494 250.991 250.485| 250.982
Pressure drop (bar) 0.495 0.493 0.494 0.991 0.485 0.982
heonv (W/m?/2C) 1471.858 | 2310.508 | 1473.692| 2874.373 | 1421.100| 2879.948
Costs
Inversion Cost (Mio.S) | 38.769 9.427 37.417 8.565 40.456 7.924

Table 4. Main thermal characteristics of the base and optimized configuration of the PCHE simulated,
for each supercritical layout

2.2. Numerical validation of the PCHE analytical model

The validation of the two-dimensional analytical model has been carried out by means of a
numerical model in CFD, of one of the heat exchangers shown in table 4; in particular, the
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PCHE obtained for the partial-cooling configuration. To simplify the problem, a continuous
length of the heat exchanger is assumed, without inlet/outlet arrangements between modules, as
the longitudinal heat transfer is negligible. In this way, the problem becomes a pure counterflow
heat transfer problem. The simulation is carried out using ANSYS CFX code.

The simulated 3D model includes a basic section that repeated in a plane form the complete heat
exchanger, so symmetry / adiabatic conditions can be applied as side boundary conditions. Inlet
temperatures and mass flows for both fluids are taken from Table 4 as boundary conditions in
the model. The mesh (Fig. 3) is obtained by extrusion of a surface mesh at the molten salt inlet
plane in order to save mesh elements. A prism layer is also implemented at the walls, within the
fluid sides, in order to model the boundary layer adequately. A sensitivity analysis is performed
to avoid influence of mesh refinement in results. The final mesh used is composed of 3348992
of nodes or 5058730 of elements (tetrahedrons, prisms and hexahedrons).

Fig. 3. Transversal and longitudinal sections of the 3D model

As said in the thermal model description (Appendix), the flow regime is laminar for the chloride
MS and turbulent for the sCO,. Each regime is simulated separately using the suitable model, as
the heat transfer and the fluid-dynamic mechanisms are different for the laminar and the
turbulent flow. In the case of turbulent flow the Shear Stress Transport (SST) model (ANSYS,
2020) is used, which uses a standard k-g for the bulk and a k-® in the boundary layer. Prism
layer is adapted to the required size (in this case, Y* for the nearest node below 1, which
corresponds with the non-dimensional distance to the wall).

The thermo-physical properties of the chloride MS are directly introduced in the model using
polynomials in terms of temperatures shown in Table 1. In the case of the sCO., the
thermodynamic properties have been tabulated from NIST database (2020) in the working
region of the PCHE, for temperature steps below 0.4 °C and pressure steps equal to 0.05 bar.
Fig. 4 and Fig. 5 show the velocity and temperature distributions, respectively, at some different
heights from the molten salt inlet section.
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Fig. 5. Temperature distribution (front view) for the molten salt, the sCO: and the solid at 0.5 m, 1.5 m, 2.5 m
and 3.2 m from the molten salt inlet

Table 4 shows the numerical results obtained from the CFD model compared to the data from
the analytical model. The maximum deviation between the numerical temperature and that
obtained from Gnielinski correlation is 3.6%, which is within the range of confidence reported
for Gnielinski correlation (Srivastava et al., 2013). The pressure drop for the sCO, is very
similar, so Techo correlation seems to be adequate to estimate the supercritical phase friction
loss through semi-circular channels. Finally, a higher relative error is observed in calculating the
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378  friction loss of the molten salt in laminar regime. This is probably because the low Reynolds
379  numbers of the laminar and viscous molten salt flow are difficult to capture by the numerical
380 model, and more effort is needed in this line. Nevertheless, there are several references
381  (Srivastava et al., 2013) that shows a good agreement between numerical results and analytical
382  data calculated from Poiseulle’s equation. These references, as well as the small value of this
383 friction loss, make this error negligible, so it is considered that the model is validated.
Numerical Analytical
Outlet sCO2 temperature (2C) 655.28 660
Outlet MS temperature (2C) 491.1 498.4
Pressure drop for sCOz (bar) 1.076 0.98
Pressure drop for MS (bar) 0.1026 0.048
384 Table 4. Numerical results from CFD vs data calculated by analytical model
385
386 3. Thermal model of the solar thermal plant
387  The thermal-economic optimization of the PCHE described in the previous section requires an
388  adequate framework of comparison, which accounts for the changes in the overall plant
389  performance, caused by the different designs of this heat exchanger. A simplified scheme of the
390  global solar thermal power plant coupled to the supercirtical cycle is shown in Fig. 6.
i m AC T\|< E Y2 —-\‘\ i Receiver i
i i ’.’/ “‘\‘ i HTP Hot tank i i
: P i [ |
|® i Nore
! Y 'l' i 7 WA B A 4 H
; | o) L\\NBY/ 74
i N ] SN R ;o
A <\IQHTR ==
i ' Cold tank LTP i
Supercritical cycle Central receiver & thermal storage
HTF: sCO, PCHE HTF: Molten Salt
MS-to-sCO,
391
392 Fig. 6. Scheme of the complete supercritical solar thermal power plant with the source heat exchanger (PCHE)
393 between the solar field and the power cycle
394  In the next section it is explained the energy models of the main components of the two
395  subsystems coupled by the source heat exchanger: the solar field, employing the ternary MS as
396  HTF, and the supercritical cycles based on sCOs.
397 3.1. Supercritical cycle layouts
398 As said in the introduction, three different supercritical layouts have been selected: the
399  recompression, the intercooling and the partial-cooling cycles. The cycle power output has been
400  set at S0 MW,, as Khi Solar One plant, which is the largest STPP based on cavity receiver and
401  currently in commercial operation (SolarPACES, 2020). These three supercritical layouts are
402  showed in Fig. 7a, Fig. 7b and Fig. 7c, respectively.
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The three cycles are based in the recompression configuration, so there are two compressors: the
main compressor (MC), that provides the most pressurized stream to the low-temperature
recuperator (LTR); and the auxiliary compressor (AC), that connects to the high-temperature
recuperator (HTR). The new PCHE proposed in this paper performs as the source heat
exchanger (SHX), located upstream the turbine (T), on the line of highest pressure and
temperature of the supercritical cycle.The isentropic efficiencies of both the turbine and the
compressors have been set at 92% and 88%, respectively (Linares et al., 2020).

The two recuperators (LTR and HTR) are modeled as conventional PCHEs, for sCO,-to-sCO-
heat transfer. So, the thermal model implemented for these HXs is very similar to that exposed
in section 2.1, but with the recommended geometrical parameters of PCHE [6]: semi-circular
microchannels of 2 mm diameter for both streams. The maximum pressure drop of the sCO; in
the recuperators has been set at 0.4 bar (Medrano et al., 2007), whereas the maximum pressure
drop of the SHX (dPsco2) is a variable to optimize (section 4). In the same way, the temperature
approach (TAwms-sco2) for the balanced SHX is also a variable to optimize (section 4). No shape
pressure drops have been considered in the inlet/outlet of the heat exchangers, neither in the
pipes inside the cycle. As the operation temperature of these heat exchangers is lower than the
SHX, a discretization calculation process has been carried out to take into account the variation
of the properties of the sCOs.

The dry cooling is also assumed in the three cycles, so the pre-cooler (PC) and the intercooler
(IC) (the latter one is only presented in the partial-cooling and intercooling layouts), are air-
cooled heat exchangers. These HXs are modeled as compact heat exchangers (CHXs) with
finned circular tubes, core sSCF-734 (Hruska et al., 2016). The power consumption has been set
to 50 kW per heat exchanger, adopting an electro-mechanical efficiency of 75% in the fans of
these HXs (Linares et al., 2020).

Although dPsco> and TAwms-sco2 in the SHX are the variables of the parametric analysis for the
thermoeconomic optimization (section 4), these values have been set at 0.5 bar and 10°C,
respectively, in order to simulate a base-line case of each of the three supercritical cycles. Table
5 shows the thermodynamic properties of the state points following the numbering marked in
Fig. 7a (recompression), Fig. 7b (intercooling) and Fig. 7¢ (partial-cooling).
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Recompression cycle Intercooling cycle Partial-cooling cycle
P (bar) | T (2C) [ h (ki/kg) | P (bar) | T (2C) | h (kJ/kg) | P (bar) | T (2C) | h (kJ/kg)

1 200 688 701.3 250 688 699.5 250 688 699.5

2 86.2 |574.1| 566.5 86.2 (545.1| 5314 86.2 |545.1( 5314

3 85.8 |224.2( 1584 85.8 [212.3| 1449 85.8 |142.3 | 62.99

4 85.4 |122.9| 39.09 85.4 |97.71| 5.775 85.4 |85.38( -12.13

5 85 50 -80.9 85 50 -80.9 85 50 -80.9

6 201.2 | 118.3| -41.57 108.5 | 68.92 | -71.05 120.3 | 77.05| -66.64

7 200.8 [219.6| 117.4 108.1 50 -147.6 119.9 50 -170.2

8 200.8 | 212 107.2 | 251.2 |92.71( -1189 | 251.2 |80.18 | -147.1

9 200.8 | 217.7 | 114.9 | 250.8 |207.3| 86.56 | 250.8 |137.1| -26.99

10 200.4 | 545.6| 5229 250.8 [ 205.8| 84.32 250.8 [ 136.3 | -28.48

11 250.8 [ 206.8| 85.84 250.8 | 136.8 | -27.54

12 250.4 | 508 472.4 | 250.4 |482.8 | 440.9
Cycle power (MW) 50.00 50.00 50.00
Source thermal power (MW4,) 100.99 97.40 103.42
Cycle efficiency (%) 49.57 51.40 48.41

Table 5. Thermodynamic properties of the state points of supercritical cycles

In table 5, the cycle power is the power supplied by the turbine minus the power consumed by
all the compressors (Eq. 1), and the cycle efficiency is the ratio between the cycle power and the
thermal power transferred to the sCO, from the hot MS (Eq. 2), by means of the PCHE
proposed in this work.

chcle = WT - WMCl - WMCZ - WAC
(1)

chcle

ncycle
ch,source

@)

The layout with higher cycle efficiency is the intercooling cycle, as stated in the introduction.
The thermal power required is therefore less than in the other layouts, for the same power cycle,
which yields to a reduction in the required MS inventory. On the other hand, the partial cooling
cycle exhibits the larger temperature difference of the sCO, through the SHX (temperature at
points 12 and 1 in table 5), which also causes a reduction in the MS volume. So, a global
analysis of the total STPP performance is required in order to assess the best configuration. This
analysis is described in section 4, when analyzing the optimum sizing of the SHX.

3.2. The solar field

The central receiver of the solar field has been designed as a tubular cavity-type. This
configuration has been preferred over the external-type for working at high temperature (more
than 700°C), as the cavity receiver exhibits lower radiation heat loss and higher convective heat
loss than external receivers (Falcone, 1986). This characteristic makes cavity receivers more
suitable when the working temperature increases and the radiation heat loss becomes critical.
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Basic thermal or geometrical parameters of this receiver have been chosen or calculated
according to technical literature. The allowable peak flux density has been set to 1 MW/m?,
while the average flux density has been set to 0.4 MW/m?, both values recommended for cavity
molten salt receivers (Liao et al., 2014); these values are less than those recommended for
external receivers, because the inner surfaces of the receiver are exposed to re-radiation, which
may lead to overheating; and this is also the reason because the cavity receivers are larger than
the external receivers, for the same incident power. The aspect ratio (height-to-diameter ratio)
should be in the range of 0.7 to 1 (Stalin, 2016) for these cavity receivers, so a value of 0.7 is
selected. The lip height (aperture-to-panel height ratio) is set to 0.7, also according to literature
(Zavoico, 2001); this value is a trade-off between the convective heat loss decrease and the
radiation spillage increase if the aperture becomes very small.

The receiver tube diameter can vary between 20 mm to 45 mm, and the wall thickness is limited
to commercial values. The value of the diameter should be optimized in order to improve the
heat transfer to the molten salt, by increasing its velocity and the Reynolds number, with a
limited increase in the pressure drop. For this analysis, it has been fixed the average molten salt
velocity to 2 m/s through all the receivers simulated, while the tube diameter is changed from
one case to another, in order to keep the velocity to a constant value.

The material for the tubes is Hastelloy N, whose main properties are shown in Table 2. In this
case, the material choice is justified because the irradiation resistance is good, as well as the salt
corrosion resistance. The maximum allowable stress of Hastelloy N is lower than that of Haynes
242, but this is not important as the receiver is not pressurized. There is not any commercial
selective coating for tubes that withstand high temperature and does not degrade in air; for that
reason, the tubes are coated by pyromark paint with a solar absorptivity equal to 0.96 and a
thermal emissivity of 0.88.

Regarding the fluid flow path selection, there are several patterns described in (Feierabend,
2010). The one adopted in this work is described in (Montes et al., 2012); it consists of dividing
the total flow into two streams, and each of them circulates through serially connected, adjacent
panels. The fluid enters the receiver through the outer panels and exit from the inner panels. In
this way, the fluid pattern is adapted to the symmetry of the solar image, and the molten salt is
circulated from the zone of lower solar flux to the zone of higher solar flux. The receiver
configuration and the fluid layout can be seen in Fig. 8.

______ Cold Molten Salt Hot Molten Salt  Hot Molten Salt Cold Molten Salt
———————— Inlet Outlet ! Outlet Inlet
circuit B circuit B : circuit A circuit A

Panel width

Panel 3

" Panel 2

Panel
height

Panel 1 Panel 2 Panel 3 Panel

Aperture width
— —

|
a v % Solar radiation
N

from heliostat field

(- i <JJ

Fig. 8. Fluid flow layout and configuration of the cavity receiver

The thermal model developed for the receiver introduces two main improvements, compared to
other models in the literature (Li et al., 2010; Boudaoud et al., 2015). On one hand, it accounts
for the solar and infrared radiosity exchange inside the cavity, applying the semi-gray
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approximation to an enclosure, as the aperture is considered a “virtual” surface (Siegel and
Howell, 2002). On the other hand, it calculates the convection heat loss from each of the
receiver panels, by means of the Clausing equation, which gives more accurate results than
other more simplified equations (Samanes et al., 2015). Table 6 summarizes the main thermal
and geometrical parameters of the cavity receivers for the three supercritical layouts
(recompression, partial-cooling and intercooling).

RECEIVER ‘ Recompression | Intercooling | Partial-cooling
Sizing and geometrical characteristics

Number of panels 4 4 4
Pannel width (m) 7.32 7.13 7.26
Pannel height (m) 13.40 13.04 13.28
Aperture width (m) 19.14 18.63 18.97
Aperture height (m) 10.05 9.78 9.96
Number of passes 2 2 2
Outer/inner diameter (mm) (318-.11//;"358&/@ 14) ?1117/54/22& 16) (215';‘;/\/2v269118)

Thermal characteristics

Thermal power (MWth) 201.984 194.804 206.838
Solar multiple 2 2 2
Cycle thermal power (MWth) 100.992 97.402 103.419
Inlet MS temperature 544.9 522.8 498.4
Outlet MS temperature 700 700 700
Incident heat (MWth) 253.65 241.19 251.33
Thermal efficiency 79.63 80.77 82.30

Themal loss from each panel

Convection heat loss (kWth)

Panels 1&4 (Side panels) 832.26 796.99 830.02
Panels 2&3 (Central panels) 734.34 718.32 776.18
Solar radiation heat loss (kWth)

Panels 1&4 (Side panels) 415.40 395.00 2334.26
Panels 2&3 (Central panels) 454,98 432.64 2733.18
Infrarred radiation heat loss (kWth)

Panels 1&4 (Side panels) 1419.56 1221.11 6249.70
Panels 2&3 (Central panels) 1830.86 1631.60 9322.70

Table 6. Main characteristics of the cavity receivers for each layout

As seen in Table 6, the thermal efficiency of the receiver increases as the MS temperature in the
receiver decreases, so the receiver for the partial-cooling configuration is the one that exhibits a
larger thermal efficiency. The thermal efficiency of the receiver is calculated by equation (3):

Nen = Quseful _ Quseful
th -_— o -_— . o
Qincident Quseful + Qloss,total

3)

The heat losses from the receiver are described by Eqs. (4-7). The total radiation heat loss is the
sum of the solar and infrared radiosity leaving each surface (Eq. 5). Both radiosities have been
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calculated applied the semi-gray theory. As said above, convection heat loss is calculated by
Clausing correlation, Eq. (7).

Qloss,total (W) = Qloss,rad (W) + Qloss,conv (W)

4)
Qloss,rad (W) = ZAi ]zs +Ai ]Lr
i

(5)

Qloss,conv (W) = 2 A; - C'Iconv,i = 2 A - hconv,i : (Ti - Tamb)

i i

(6)

Reonvi * Le.i Ty i Toi\

Nu; = —"2%—=* = 0,082 - Ra'/3 - [—0.9 +24- 205 ( Ll ) ] - 2(Zy,)
kf amb Tamb

(7

In the above equations, Q'lossltoml (W) is the total heat loss from the receiver; onss,raa (W) is
the radiation heat loss, and Qloss’conv (W) is the convection heat loss; sub-indexes i/j refers to
the surface of the cavity, and super-indexes s/r stands for the solar/infrared radiosity; J
(W/m?2) is the radiosity from each surface; 4 (m?) is area of each surface; Aoy (W/m?/°C) is
the convection heat transfer coefficient, calculated by equation (5); Ra is the Rayleigh number,
T..; (K) is the temperature of the surface i of the cavity, Tumw (K) is the ambient temperature and
z(Zy,;) is the surface orientation, where Z,; is the angle between the z-axis and the normal vector
to the surface.

For each receiver configuration, it is necessary to calculate the optical performance of the
associated heliostat field. The heliostat field has been oversized with a solar multiple of 2, as a
compromise between the plant dispatchability and the receiver dimensions, which are larger for
cavity-type compared to external designs for the same power. The solar field has been simulated
with SolarPILOT, a program developed by NREL (2020) and described in (Wagner and
Wendelin, 2018). SolarPILOT incorporates data from SAM software (Freeman et al., 2018), so
it also provides an economic assessment of the solar field investment, including the tower and
receiver. Table 7 summarizes the main characteristics of the simulated solar fields for each of
the three STPPs considered.

Recompression | Intercooling | Partial-cooling
Total plant cost (Mio.$) 173.39 168.15 173.16
Simulated heliostat area (m?) 669755 655028 669755
Simulated heliostat count 4639 4537 4639
Tower optical height (m) 180 172 180
Solar field optical efficiency (%) 83.52 83.43 84.74

Table 7. Optical and thermal performance of the heliostat field for each STPP considered
(Simulated by SolarPILOT [40])

At last, a brief description is given about the molten salt thermal storage. This system consists
of two tanks of molten salts, which have been sized to provide the nominal thermal power to the
supercritical cycle for 6 hours, with a charging time of 6 hours, i.e., a solar multiple of 2. For the
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simulation in nominal conditions, it is considered a pressure drop of 5 bar in the storage and the
solar receiver systems. As seen in Fig. 6, the storage system is provided by two pumps. The
high temperature pump (HTP) circulated the molten salt flow from the hot tank whereas the low
temperature pump (LTP) drives this fluid from the cold pump. As a solar multiple of 2 has been
assumed, the mass flow rate in the LTP is 2 times the one in the HTP. Both pumps are supposed
with an electromechanical efficiency of 75%. The net electricity power supplied by the STPP
(Eq. 8) accounts for the consumption of both the molten salt pumps and the fans of the dry
cooling, described in section 3.1, also with an electro-mechanical efficiency of 75%. In Eq. (8),
ng is the generator efficiency, taken as 97% (Linares et al., 2017). Finally, the net efficiency is
defined as the ratio of the net electricity power to the thermal power in the SHX, Eq. (9).

Wnet = MNg- chcle - WHTP - WLTP - WCP

®)

_ Wnet
77netf,cycle -
ch,source

)

To summarize this section, the thermal model of the STPP has been properly described ann
implemented. This is the framework in which the optimization of the proposed PCHE is
accomplished, because it is neccesary to consider how the design of this PCHE impacts the
STPP global performance.

4. Thermo-economic analysis and optimization

The optimum size and cost of the proposed PCHE is calculated by means of savings-to-
investment ratio (SIR) method (Shouman, 2018), referred to the annual cost. In this way, the
optimum heat exchanger is the one that maximizes the figure of merit showed in Eq. (10).

Csavings PCHE

SIR ==
PCHE ™ CRF - Copen

(10)

In this equation, SIRpcpr is the savings-to-investment ratio, which is the ratio of annual savings
to the annualized investment in the base PCHE. It is important to appoint that the general
criterion of the SIR method to consider a project as profitable is that SIR > 1. In this particular
case, as the discussion is about a different design of a heat exchanger already in the power plant,
the new design of PCHE will be profitable if SIR > 0.

The savings costs Csavings account for the investment savings in a more limited PCHE and the
lack of benefit by producing less electricity, since the STPP global operation is worse as the
PCHE performance is worse.

Csavings pcug = CRF - (CO,PCHE - CPCHE) — CELF - Cg - Y - Q¢nsource * (UOnet,cycze - r]net,cycle)
(11)

In the above equation, CRF is the capital-recovery factor and CELF is the constant-escalation
levelization factor, both defined below; Cg is the electricity cost, 61.2 $/MWh, which is based
on the average market price at USA (EIA, 2018); Y is the yearly operation time, calculated for a
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solar multiple equal to 2: Y= 365*2 hours; Qs (W) is the thermal power supplied by the
PCHE,; finally, Cpcre is the investment cost in the PCHE, and 1,.¢¢ cycie 18 the net efficiency of
the supercritical cycle, defined as Eq. (9); if these last two parameters are affected by the sub-
index 0 is because they are referred to the base case: a PCHE with
TAMs.scoz =10°C and dPscoz = (.5bar.

The investment cost Cpcur can be estimated from the mass of the heat exchanger and the cost
factor of material (CMpcue = 120 $/kg for Haynes 242), Eq. (12). This estimation has been
widely used by many authors to calculate the cost of PCHEs (Dostal, 2004; Kim, 2008; Yoon et
al., 2014).

Cpcue = Mpcyg - CMpeyg
(12)

The mass of the PCHE is easily calculated by means of the metal density (9050 kg/m* for
Haynes 242) and the fraction of metal per m® of the heat exchanger, also called the core volume.
In the case of this PCHE, the core volume is calculated by the ratio of free area to frontal area,
defined by Eq. (A.4) in the Appendix.

Mpcue = PpcuE * Veorepcue = PpcuE * VecHE - 1-o0)
(13)

The capital-recovery factor (CRF) and the constant-escalation levelization factor (CELF) are
calculated by means of Eq. (14) and (15).

iepr - (1+iepr)”

CRF = .
(1+4ig) —1
(14)
ceLF = crr & — K1)
B (1-k)
where
_14n
T 1+
(15)

In the above equations, i.r (%) is the effective discount rate, and n (years) is the economic life o
span period of the power plant; 7, is the nominal escalation rate, which represents the annual
change in cost and includes the effects of both the real escalation rate - and the inflation r;. The
values of the parameters defined above are summarized in Table 8.

Economic parameters
Effective discount rate jeg (%) 7
Capital recovery factor CRF (%) 8.58
Nominal escalation rate (%) 5
k (%) 98.13
Constant escalation levelization factor (CELF) 19.74

Table 8. Parameters for the thermo-economic analysis and optimization
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For the optimization, the SIR method is applied to different configurations of the proposed
PCHE, based on the different temperature approach between the two streams (from 10 °C to
50 °C) and the different pressure drop in the sCO, (from 0.5 bar to 2 bar). The PCHE investment
cost decreases by increasing both dPsco» and TAwms.sco2, but the electricity revenues also
decrease, as pumping power increases and the HX performance is worse, affecting the global
performance of the plant. This different trend in costs yields to an optimal PCHE configuration
that minimizes those costs. These results are showed in Fig. 9 (recompression), Fig. 10
(intercooling) and Fig. 11 (partial-cooling).

Savings-to-Investment Ratio (SIR), Recompression Layout
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Fig. 9. Savings-to -investment ratio for the source heat exchanger (PCHE) in the recompression layout

Savings-to-Investment Ratio (SIR), Intercooling Layout
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Fig. 10. Savings-to -investment ratio for the source heat exchanger (PCHE) in the intercooling layout
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Fig. 11. Savings-to -investment ratio for the source heat exchanger (PCHE) in the partial-cooling layout

It can be seen in the above figures that there is a configuration that maximizes the saving-to-
investment ratios, regarding to the base PCHE, as summarized Table 9. The inversion cost of
the PCHE follows the same pattern.

Base PCHE configuration Optimized PCHE configuration
Supercritical layout | TAus.scoz2 (2C) | dPscoz2 (bar) |  Cpcue (Mio.S) TAwms-scoz (2C) | dPscoz (bar) | Cpcue (Mio.S)
Recompression 10 0.5 38.769 35 0.5 9.427
Intercooling 10 0.5 37.417 35 1 8.565
Partial cooling 10 0.5 40.456 40 1 7.924

Table 9. Thermal parameters and purchase equipment cost for both the base and optimized PCHE
configuration

Table 9 summarizes the thermal parameters values (dPsco: and TAwms-scoz2) and the investment
cost Cpcur for both the base and the optimized case. According to this table, the optimum
temperature approach is greater for the configuration with a larger temperature difference in the
PCHE (partial-cooling), whereas the greater pressure drop occurs in the configurations with
higher pressure at the inlet of this PCHE (partial-cooling and intercooling).

To finish this section, the fixed capital investment (FCI, Mio.$) and the levelized cost of
electricity (LCOE) has been calculated, for the base case (SHX with TA = 5 °C and
dPsco2 = 0.5 bar) and the optimized case of each of the three supercritical layouts simulated.
Each investment item includes purchase equipment cost (PEC), the share in pipes,
instrumentation and control (118% of PEC) and indirect cost (25% of PEC), according to
(Fleming et al., 2013). The LCOE has been estimated based on the capital cost and the annual
production of the net power and the total operation time.
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Base RC | Optimized RC | Base IC | Optimized IC | Base PC | Optimized PC
SHX (PCHE) (Mio.$) 105.6 25.7 102.0 233 110.2 21.6
Recuperators (LTR + HTR) (Mio.S) | 56.4 55.5 33.9 33.3 20.7 20.6
Precooler CO2/AIR (Mio.$) 6.8 6.8 11.2 11.3 11.8 11.8
T™ (Mio.$) 49.2 48.5 43.0 42.5 43.0 42.6
TES (Mio.$) 75.0 75.0 59.9 60.2 56.6 56.6
Solar Field (Mio.$) 173.4 173.4 168.2 168.2 173.2 173.2
FCI (Mio.$) 466.5 385.0 418.1 338.8 415.5 326.4
LCOE [$/MWhe] 190.5 160.0 170.3 140.1 172.7 135.7

Table 10. Summary of the fixed capital investments and LCOE for the base-line and optimized layouts, for
each configuration

Firstly, Table 10 shows that the investment in the SHX (PCHE) is greatly reduced by this
optimization process, to 25% of its base value. Secondly, it is also observed that for the base
configurations, the intercooling is the one with lowest costs LCOE. Nevertheless, for the
optimized layouts, partial-cooling exhibits the lowest FCI, followed by intercoling and finally
recompression; the same trend is observed in the case of the LCOE. This is due to the greater
investment reduction of the SHX since, having a higher temperature difference, the temperature
approach can be increased slightly (40 °C compared to 35 °C in the other layouts), without an
important impact on the net efficiency.

5. Conclusions

A new MS-to-sCO; heat exchanger design between the solar field and the power cycle in
supercritical STPPs is proposed in this work. This design is based on the printed circuit heat
exchanger (PCHE), with a conventional semi-circular channel for sCO; and a circular channel
of greater hydraulic diameter, for the molten salt. This design is intended to withstand the
pressure difference between the two phases and prevent molten salt plugging, without a
performance decrease. The thermal model of the PCHE is presented and validated by CFD.
Although a mechanical calculation has been made to ensure a minimum thickness between
channels, a future work will be a specific thermo-mechanical stress analysis of the proposed
PCHE. This design is a new possibility to the technical feasibility of STPPs coupled to
supercritical cycles, since there are few studies about the design of this type of MS-to-sCO»
HXs.

A thermo-economic optimization of this PCHE is also accomplished by the
savings-to-investment method. For this optimization, it is considered not only the PCHE, but
also the complete STPP in which this source heat exchanger (SHX) is located. With this aim,
three supercritical layouts have been selected: recompression, intercooling and partial-cooling.
The thermo-economic optimization yields to the following conclusions:

- If the temperature approach and the pressure drop in the PCHE are increased, there is a
decrease in the heat exchange area, which lowers the investment cost but reduces the
revenues, not only by increasing the pumping power, but also by the worse PCHE
performance, which affects the plant net efficiency.

- The different trend in costs yields to an optimal size and performance of the PCHE
proposed, which maximizes the savings-to-investment ratio and minimizes the FCI and the
LCOE, for each of the supercritical configurations analysed.
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- For the base case, the PCHE with a greatest investment cost is the one of the partial-
cooling, followed by the recompression and finally the intercooling (PHCEq . > PHCE, >
PHCEy,); this variation is basically due to the thermal power required in the SHX by each
of the cycles.

- In the optimized case, this trend in inverted: the optimized PCHE with the lowest
investment cost is the one locates in the partial-cooling layout, followed by the intercooling
and finally the recompression (PHCE,. < PHCE;. < PHCE;). The cost reduction is greater in
the partial-cooling due to the larger temperature difference of the sCO, (and the molten
salt) in the SHX, allowing a higher temperature approach without greatly affecting
performance.

- If the complete supercritical STPP is analysed, the best optimized layout is the
partial-cooling (LCOE = 135.7 $/MWh,), followed by intercooling (LCOE =
140.1 $/MWh,) and recompression (LCOE = 160 $/MWhe).

These results, although accounting for the whole solar plant, refer only to the optimization of
the PCHE between the molten salt from the solar field and the supercritical cycle. A global
optimization process of all plant components would be necessary in the future. It can be
concluded, however, that partial-cooling and intercooling configurations yield to lower FCI and
LCOE than conventional recompression layout. This is a very interesting result, as intercooling
cycle has not been considered for the moment as a possible candidate to couple to STPP.
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7. Appendix

This appendix summarizes the basic equations describing the thermal model of the PCHE. Once
the inlet/outlet properties are defined, the total mass flow rate of each fluid is determined, and
can be calculated through the basic energy balance, Eq. (A.1):

QPCHE =my - (hl,in - hl,out) =my - (hz,out - hZ,in)
(A.1)

In the above equation, sub-index 1 refers to the primary fluid, that is, the molten salt through the
circular channel, whereas the sub-index 2 refers to the secondary fluid, that is, the sCO, through
the semi-circular channels; Q (W) is the thermal power of the PCHE; m (kg/s) is the mass flow
rate; and & (J/kg) is the specific enthalpy.

For both fluids, the cross-flow area is calculated based on the averaged density and the
maximum velocity, Eq. (A.2).
m:
Ac,i = .

Pave,i ' Umax,i

(A.2)

26



715

716
717
718

719

720

721

722
723

724

725

726
727
728

729

730
731
732

733
734

735

736

737
738
739
740

741
742

743

744

745

746
747

In Eq. (A.2), the subindex i=1 (MS), 2 (sCO2); A.(m?) is the cross flow area; pgpe (kg/m3) is

the average density; and w4, ("Y/s) is the maximum velocity of the stream. As A, = A, the
maximum velocities are related because the average properties and the mass flow rates have
been previously set.

The frontal area of the PCHE is calculated from the cross-flow area by Eq. (A.3):

— Ac,l + AC,Z

Af ~
(A.3)

In Eq. (A.3), o is the ratio of free flow area to frontal area, and it can be calculated based on the
geometric parameters defined in one thermal unit.

- (d? +d3)/4
o=
(Z’tp1+2'tp2)'pc

(A4)

Once the cross-section parameters are defined, and the mass flow rate per channel, it is possible
to model the heat transfer from the MS to the sCO, by means of a two-dimensional thermo-
hydraulic process. This process consists of dividing the PCHE in N heat exchanger elements

(HXE) of the same thermal duty: Quyr = Q/ N- These HXEs are short enough to be able to

approximate to average temperatures and properties, both for the MS and the sCO,, with great
accuracy. This is clear for the MS, which is an incompressible fluid approximately, but also for
the sCO,, as this fluid is at very high temperature and far away from the critical point.

The basic equation of heat transfer, Eq. (A.5), is applied to each of these HXE, in order to
calculate its length.

QHXE

) =Uyyp - A “AT,, > L =
Quxe HXE "~ AHXE " Blm HXE = Nop - Prgg - AT,

(A.5)
Apxe (m?) is the heat transfer area of each elementary HXE; AT, (°C) is the mean temperature,
equal to the constant temperature difference between both streams, as the PCHE is balanced

counter-flow heat exchanger; Lyxg (m) is the length of each elementary HX; N, is the number
of channels of the MS/sCO; in each elementary HX; Pyxg (m) is the perimeter of the semi-

circular/circular channel in each HXE; and, finally, Uyxg (W/m2 ) QC) is the overall heat

transfer coefficient of the counterflow elementary PCHE, given by Eq. (A.6).

1
Unxg =
T 1T 1
hconvl UW conv2

(A.6)

Uy W/ 2 or ) 18 the thermal transfer coefficient for the wall between channels, that accounts
m= - 2C

for an equivalent thickness of the semi-circular cross section of these channels (Ariu, 2014);
heonv (W/m?/°C) is the convection heat transfer coefficient.
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For the small ducts of compact heat exchangers, Hesselgreaves (2017) recommends using the
Gnielinski correlation for fully-developed turbulent flow (Re > 2300) in straight semi-circular
channels, Eq. (A.7).

(ﬁ/8)'(ReDh—-1OOO)-Pr Pr 0.11
Nupp, = )
si

14+12.7- <\/%> - (Pr2/3 = 1) | <Pr

where:

f. =[1.82-log(Repy) — 1.64]72
(A7)

This correlation is valid for Reynolds numbers ranging from 2300 to 5x10° and Prandtl numbers
from 0.5 to 2000. In the above equation f. is the friction factor, calculated as needed from the
Filonenko correlation (Gnielinski); Rep; is the Reynolds number based on the inner hydraulic
diameter; Pr is Prandt! number at the bulk fluid temperature; Pry; is the Prandt/ number at the
inner duct temperature, ;.

Gnielinski correlation is applicable for the sCO; but, for the MS in the circular duct, the flow is
fully-developed laminar and then, the following correlation is recommended (Hesselgreaves,
2017):

Nu = 4.3636 for Rep,, < 2300, circular ducts
(A.8)

The value of the Nusselt number calculated by Gnielinski correlation (Eq. A.7) at Re=2300 is
not 4.3636 (Eq. A.8), so it would be a discontinuity at this point. To eliminate such
discontinuity, it has been considered a transitional region between 2300 and 5000, in which the
Nusselt number is calculated by linear interpolation (Eq. A.9), in the same way as described in
(Dostal, 2004).

(Nusgoo — 4.3636) - (Repy, — 2300)

Nu = 4.3636 + 000 — 2300 for 2300 < Repp, < 5000

(A.9)

Once the length of the heat exchanger is obtained, the friction pressure loss AP can be
calculated, by means of the Darcy-Weisbach equation evaluated at the averaged values of each
stream in the elementary PCHE (Eq. A.10).

LHXE

1
APyxp = EfD ) <D—h) * Pave 'uczwe

(A.10)

where D, (m) is the hydraulic diameter of the duct; p (kg/m?) is the average fluid density;
u (m/s) is the average fluid velocity; and fp is the Darcy friction factor, that is four times the
Fanning friction factor, f#: fp = 4 - fr. This friction factor can be calculated by the following
two correlations, developed for smooth ducts (Hesselgreaves, 2017): Hagen-Poiseulle for
laminar flow (Repy, < 2300), and Techo et al. for turbulent flow (10* < Rep,, < 107).
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fr= for Rep, < 2300

N ReDh
1 ReDh
—=1.7372-1 ] 10* < Repy, < 107
fr " 1964 - In(Re,,) — 3.8218] 1O ©n

(A.11)

For the transition region, 2300 < Rep, < 10%, the friction factor is calculated by a linear
approximation weighted with the Reynolds number, similar to that already applied to the
Nusselt number for transitional flow.

A more detailed estimation of the friction factor for the transition regime is explained in
(Dostal, 2004). That characterization is not necessary for the PCHE presented in this paper, as
the working conditions of the sCO; and the chloride MS are well stablished in the turbulent and
laminar regimes, respectively. It should be noted that both the Nusselt number and the friction
factor correlations have been developed for smooth ducts. Rough ducts are unlikely to be found
in a PCHE, since the surfaces are usually formed from well-rolled sheet.

The total pressure drop in the PCHE accounts for the friction loss in the straight ducts,
calculated by Eq. (A.10), and the shape pressure losses at the inlet and outlet of the heat
exchanger. Both can be evaluated by Eq. (A.12).

APin/out = E “C Pave * u?we

(A.12)

where C is the shape loss coefficient that is taken to be 0.5 at the inlet and 1.0 at the outlet from
the PCHE (Dostal, 2004).
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